Enhanced fins are widely used in residential air conditioning system finned-tube condenser designs. While this heat transfer augmentation technique increases the heat transfer coefficient in the heat exchanger, it also increases the air side frictional pressure drop. These two effects compete with each other, making it difficult to determine the relative goodness between plain fin versus enhanced fin designs with realistic constraints. In the past, this design tradeoff has been largely determined by experimental trial and error or heuristic figures of merit. No studies are available showing the effect of fin augmentation on overall system performance under consistent cost and frontal area constraints.
INTRODUCTION
Researchers have been studying the effects of fin surface enhancements for several decades [1] [2] [3] , and the practice of adding surface enhancements to the fins of finned-tube heat exchangers has become widely used in many products, notably residential space-conditioning air cooled condenser heat exchangers. Many authors have developed experimental correlations to predict the performance of enhanced finned-tube heat exchangers and others have made heat transfer coefficient or friction coefficient comparisons between plain and enhanced fins. However, very few, arguably none, have quantitatively investigated the effects of fin enhancements on total system performance.
Adding louvers to a finned tube condenser heat exchanger in an air conditioning system will reduce compressor power by increasing the refrigerant-to-air conductance, but will increase the condenser air fan power. These competing effects make it more difficult to determine the relative goodness of a heat exchanger design. Many different heat exchanger figures-ofmerit have been used. Their differences primarily depend on constraints imposed for the analysis.
The most common system figure-of-merit for an airconditioning system is the first law efficiency, which is expressed as the coefficient-of-performance (COP). More specifically, the seasonal COP (COP seas ) measures the average COP over a cooling season. This method is an undisputed technique for comparing the relative energy efficiency of different air-conditioning system designs. However, for a heat exchanger optimization study, care must be taken in fixing the appropriate constraints of the system design for the comparison. The more important ones are generally the system's desired output; i.e., cooling capacity, physical size, and the equipment cost.
In this study the louver fin geometry will be investigated and compared to plain fins. A complete model of a residential air-conditioning system, with great detail in the condenser component, is used to calculate the system COP along with an optimization algorithm to develop and compare optimum condenser designs using plain vs. louvered fins, with appropriate constraints.
LITERATURE REVIEW R-410a Condenser Design
Wright [2] developed a model in Engineering Equation Solver (EES) [3] of an air-conditioning system using R-410a as the working fluid. The model included a detailed simulation of the components of the air-conditioning system for various designs, including the compressor, non-augmented finned-tube condenser, evaporator, and expansion valve. The condenser was the focus of Wright's model incorporating the best available simulations for the air-side and refrigerant-side pressure drops and heat transfer coefficients based on R-410a as the working fluid. Wright was not able to perform an exhaustive design optimization search using this model due to computational time limitations. Therefore, Aspelund [4] added to Wright's study by implementing a design optimization search technique to optimize ten controllable, operational, and geometric design parameters of the condenser. Aspelund's results showed a 23% reduction in cost for a design that produced the same COP versus Wright's optimum design found through a manual search.
Heat Exchanger Enhancement Techniques
Many different heat transfer enhancement techniques for improving the performance of finned-tube condenser coils have been investigated over the last two decades. Techniques are categorized as passive or active. Passive techniques involve changes made to the surface or shape of the material (tubes or fins) or the use of fluid additives. Active techniques require external power such as electric or acoustic fields and surface vibration [7] . Only passive techniques are investigated in this study because they are commonly used in condenser designs. Most passive augmentation techniques involve creating more turbulent mixing. The use of interrupted fins is a very widely accepted method of increasing the heat transfer coefficient on the air-side of the condenser.
The interruption causes the boundary layer to break up and redevelop. There are several different types of fin interruptions used such as waves, slits (offset strips), louvers and convex louvers. Louvered fins are the focus of this study, as seen in Figure 1 . Many empirical correlations have been developed to describe the heat transfer coefficient and friction factor for the air-side of the condenser for enhanced fin geometries [8] - [17] . In Wang [18] , a very good summary of all of the different types of fin enhancements is given with correlations. The friction factor and heat transfer coefficient correlations used in this study for the louvered fin geometry with a round tube configuration are those recommended by Wang [18] and developed by Wang [8] .
Figures of Merit
The selection of an appropriate figure of merit is very important in the design optimization of heat exchangers due to the required trade off between increased heat transfer and increased frictional pressure drop. This is especially true on the air-side as interruptions are added to the fins. Some authors state that even a small increase in conductance can more than offset a large friction factor increase because flow velocity can then be decreased and air flow friction power varies with the cube of the velocity [19] . However, this statement has not been quantified with appropriate constraints and figures-of-merit.
Several authors have investigated whether interrupted fins actually improve the heat exchanger design or not by developing their own heuristic figure of merit. For instance, Yun & Lee [20] proposed a ratio called JF to describe the relative goodness of a design (larger is better):
where, j is the Colburn j factor and f is the friction factor. The subscript R refers to a reference design (un-augmented case) with which to compare the augmented design. Many others have used similar heuristic relationships as discussed by Wang [9] , such as a direct comparison of j and f or comparison of heat transfer as a function of fluid power. Overall, these studies neglected to look at the design of the heat exchanger in reference to the overall performance of the cycle in which it was designed to be used. Therefore, their figures of merit were not shown to be accurate nor indicative of predicting relative cycle performance. In the current study, the systems' seasonal COP will quantify the goodness of a design.
MODEL DEVELOPMENT Vapor Compression Refrigeration Cycle
The air-conditioning system to be studied is based on a basic vapor compression refrigeration cycle, with a fixed 8.8 kW (2.5-ton) refrigeration cooling capacity. The starting points for the model and optimization search used in this study are from Wright's [4] and Aspelund's [6] work respectively. Refinements have been made to both as well as the addition of louvered fin equations for calculation of the air-side heat transfer coefficient and friction factor for the fins. A complete set of the equations used in Wright & Aspelund's model can be found in Wright [4] . The sources of equations used and basic 
Compressor
The compressor is the major energy-consuming component of the refrigeration system, and its performance and reliability are significant to the overall performance of the HVAC system. For this study, scroll type positive displacement compressors, which dominate the residential air-conditioning industry, are considered. A correlation relating the thermal efficiency of R410a scroll type compressors to the pressure ratio was developed using published manufacturer's data [21] 
where, Pr is the ratio of the condenser pressure to the evaporator pressure.
Another consideration in modeling compressors is the volumetric efficiency. The volumetric efficiency is the ratio of the mass of vapor that is discharged from the compressor to the mass of vapor that could be compressed if the intake vapor volume were equal to the compressor piston displacement. The volumetric efficiency is used to determine the mass flow rate of the refrigerant though the compressor, m
• , for a given compressor size. The volumetric efficiency expression used can be found in Threlkeld [22] with experimental factors determined for this study also from manufacturer's data [21] .
Where it was found for the compressor in this study:
This study assumes the compressor size is as required to maintain an 8.8kW (2.5-ton) refrigeration cooling capacity at 35˚C (95˚F) outside temperature.
Condenser
The condenser heat exchanger used is of the cross-flow, plate-fin-and-tube type. Refrigerant flows through the tubes, and a fan forces air between the fins and over the tubes. A simple schematic of this heat exchanger is shown in Fig. 2 .
When the refrigerant exits the compressor, it enters the condenser as a superheated vapor and exits as a sub-cooled liquid. In the model, the condenser is separated into three sections: superheated, saturated, and sub-cooled. In the superheated and sub-cooled sections the fluid is in a single phase, while in the saturated section two-phase flow correlations are needed. The standard heat exchanger equations used to define the relationships between heat exchanger parameters, e.g. UA, NTU and ε, can be found in Incropera & Dewitt [23] neglecting fouling, tube wall thermal resistance and assuming the refrigerant side surface efficiency is one (plain tubes).
To determine the overall surface efficiency for a finned tube heat exchanger, it is first necessary to determine the efficiency of a fin around a single tube. For a plate-fin-andtube heat exchanger with multiple rows of staggered tubes, the plates can be evenly divided into hexagonal shaped fins. Schmidt [24] analyzed hexagonal fins and determined that they can be treated as circular fins by replacing the outer radius of the fin with an equivalent circular fin radius. Once the equivalent radius has been determined, the equations for standard circular fins can be used, which can be found in Incropera & Dewitt [23] .
An important aspect of the condenser model for this study is the equations used to describe the heat transfer coefficients and pressure drops on both the air-side and refrigerant-side of the heat exchanger. On the refrigerant side, the heat transfer coefficient in the sub-cooled region is calculated by the DittusBoelter equation, while in the superheated region the correlation developed by Kays & London [25] is used. For the two-phase saturated portion of the condenser, the heat transfer coefficient is calculated by the work of Cavallini et al. [26] . Heat transfer in the un-finned tube return bends was neglected.
The pressure drop on the refrigerant side is calculated by the standard circular pipe flow pressure drop equation using a friction factor of 64/Re for laminar pipe flow and the Colebrook equation [27] is used for turbulent pipe flow. In the saturated (two-phase) portion of the condenser, the work of Cavallini et al. [26] and Friedel [28] is used to calculate the refrigerant pressure drop. The pressure drop in the tube bends is determined by the work of Chisholm [29] .
For plain fins on the air-side, the work of McQuiston [30] was used for the heat transfer coefficient and the work of Rich [31] to calculate the air-side pressure drop, with the Euler number calculated from Zukauskas & Ulinskas [32] .
For louvered fins, the equations for the refrigerant side are the same as for plain fins. On the air side, however, Wang's [8] equations are used to calculate the heat transfer coefficient (jfactor) and the fin friction factor. The Zukauskas and Ulinksas [32] correlations are still used to calculate the air side Euler number for the flow across the tubes. Most correlations used experimental data over a limited range of parameters, such as tube spacing. For comparison of the plain fin optimum heat
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Air inlet exchanger design to the optimum interrupted fin heat exchanger design, the same parametric restrictions were used for each optimization.
Condenser Fan
Although much of the electrical power consumed by the total system is due to the compressor, the condenser fan also requires a significant amount of power. The power required by the fan is directly related to the air-side pressure drop across the condenser and to the velocity of air across the condenser. Therefore, since adding interruptions to the fins of the condenser increases the pressure drop on the air-side to maintain airflow, the fan power also increases, decreasing system efficiency. This fan power is included in the model with a fan and motor isentropic efficiency of 65%. As the design changes, it assumed a different fan will be chosen based on the required load.
Expansion Valve
The expansion valve is used to control the refrigerant flow through the system. Under normal operating conditions, the expansion valve modulates in order to maintain a fixed superheat at the exit of the evaporator. In this study, the superheat is set at a typical 5.5˚C (10° F). However, due to the system fixed refrigerant mass inventory constraint, condenser subcooling will drop with decreasing entering air temperature. Because the expansion valve can only pass a limited volume of refrigerant, it cannot maintain the specified superheat at the evaporator exit if the refrigerant at the condenser outlet is not completely condensed into liquid. If incomplete condensation in the condenser occurs, the vapor refrigerant backs up behind the expansion valve and the condenser pressure increases until the refrigerant is fully condensed. As a result, in some cases the expansion valve cannot regulate the refrigerant mass flow rate to maintain a fixed superheat at the evaporator exit. In that case the expansion valve will be wide open while the evaporator superheat varies above the desired 5.5 ˚C (10° F). The model accounts for this condition.
Evaporator
The evaporator transfers heat from the room air in order to lower its temperature and humidity. Because the refrigerant enters the evaporator as a liquid-vapor mixture, it is only divided into saturated and superheated sections. The analysis of the thermodynamic parameters of the evaporator is nearly identical to that of the condenser.
However, the dehumidification process involving the evaporator results in some modifications of the analysis. To maintain the simplicity of the evaporator heat transfer model, the evaporator coil is assumed to be dry in calculating the air-side heat transfer coefficient. However, because the air flowing over the evaporator is cooled to a temperature below the wet bulb temperature, some of the heat rejected by the air causes water to condense out of the air rather than simply lowering the sensible temperature of the air. Therefore, when using a dry air model, the specific heat must be modified to account for this condensation effect. The total enthalpy change of the air is thus the sum of the enthalpy change due to the decrease in temperature (sensible heat), and the enthalpy change due to condensation (latent heat).
If the specific heat for dry air is utilized in the model for the evaporator, the resulting exit temperatures will be unrealistically low. Therefore, an effective specific heat that takes into account both the latent heat and the sensible heat must be used. Using an effective specific heat will result in a more accurate determination of the evaporator exit temperature without the complications associated with using heat exchanger equations for air-water mixtures. Since the evaporator is not the focus of this study and its design is held constant, this approximation is not expected to affect the condenser optimization results.
To maintain indoor humidity, the latent heat accounts for approximately 25% of the total enthalpy change of the air flowing over an evaporator. The effective specific heat used for this case is then 33% higher than for dry air.
Evaporator Fan
Because the evaporator is not the primary focus of this study, introducing wet coils would present unwelcome complications in the overall analysis. In addition to affecting the heat transfer, wet coils also have an effect on the air-side pressure drop. Although there are correlations available for determining the pressure drop over wet coils, they are cumbersome to use and again, the evaporator is not the primary focus of this investigation.
After the air flows over the evaporator, it enters a series of supply ducts that then return the air back inside the conditioned space. The air is then drawn from the conditioned space through return ducts back to the evaporator in the central air handler. The fan power required by the evaporator fan depends on the pressure loss in these ducts and can vary from installation to installation. Therefore, the default power requirement for the evaporator fan in the air handler specified for performance testing by the Air-conditioning and Refrigeration Institute [34] of 365 Watts per 1000 ft 3 /minute of air was used. Varying the condenser design does not affect this fan power.
Refrigerant Mass Inventory
The degrees of sub-cooling at the condenser exit are controlled by the system operating conditions and the quantity of refrigerant mass in the system. The refrigerant mass charge at 35˚C (95°F) is normally used to achieve a specified sub-cool at that condition. The optimum amount of sub-cool operating at 35˚C is 0˚C, however for practicality reasons, systems are usually designed with some excess sub-cool to be certain that under all operating conditions there is enough refrigerant charge to maintain a superheated condition at the compressor inlet. Because of this, a 5°C (9°F) sub-cool at a 35°C (95°F) ambient condition was used. This sub-cool then varies at other ambient temperatures. Hence, the air velocity over the condenser and the sub-cool in the condenser at ambient conditions are the two operating parameters that are optimized for each condenser geometric configuration investigated during this study. The mass of refrigerant in the piping connecting the components is neglected. Since the compressor contains only vapor, the mass of refrigerant in the compressor is also neglected. Therefore the calculated total mass of refrigerant in the system includes the mass in the condenser and in the evaporator. The procedure for finding the refrigerant mass in the respective portions of the evaporator and condenser follows that of Wright [4] .
Heat Exchanger Material Cost
For calculation of the material costs of the condenser and the evaporator, the price of copper used was US$1.76/kg and the price of aluminum used was US$1.54/kg both from the London Metals Exchange. The volume of each metal was calculated and multiplied by its density and cost per pound to determine the material cost for each heat exchanger. Heat exchanger price is typically based on a multiple of material cost assuming mass production.
Model Summary
By using the above relations for the air-conditioning system components in a system simulation program, it is possible to evaluate the detailed performance of a total airconditioning system for varying condenser design parameters.
OPTIMIZATION SCHEME

Figure of Merit
The figure of merit used to quantitatively evaluate the performance of vapor compression cycles is the COP. The weighted average of the COP over a summer is referred to as the seasonal COP (COP seas ). Wright [4] showed that for a residential air-conditioning system the seasonal COP with weighting specified by ARI [33] is nearly identical to the COP using an ambient temperature of 27.8°C (82° F). Therefore, in this study it is assumed that COP seas is equal to COP at an ambient temperature of 27.8°C. Additionally cycling efficiency degredations were neglected because their inclusion would likely have little effect on determination of the optimum design. Note that the seasonal energy efficiency rating (SEER), which has units of BTU/watt-hr, is the term most often used in the airconditioning industry and equals 3.412 times the seasonal COP.
Software Tools
The air-conditioner model was programmed in EES (Engineering Equation Solver) [5] .
This software tool iteratively solves simultaneous transcendental equations and has built-in thermodynamic and transport property relations. The model developed incorporates about 1800 simultaneous equations. While EES is useful for simulating the airconditioner, it is not suitable for performing the design optimization search. However, EES does have the ability to communicate with other programs using Dynamic Data Exchange (DDE) supported by many other programs.
Therefore, in the current study the optimization search scheme was programmed in Microsoft Visual Basic (VB) using Microsoft Excel to organize the inputs and the outputs of the search. The EES program was called as a function to evaluate the figure-of-merit, i.e., COP, for a specific design.
Search method
In selection of an optimization algorithm the fact that the model of the air-conditioner is highly non-linear and iteratively solved in EES must be considered. The well developed Simplex search method presented by Nelder and Mead [34] has been widely used to optimize complex functions. This method was chosen over other techniques [34] because it is very robust (converges consistently), relatively simple to implement, and gives good results. Computation time was not significant, and therefore efficiency of the search method was not a significant issue. Even though the Simplex search method will find a good solution for the design of the condenser, like other nonexhaustive search methods it cannot be proven that it is the global optimal design. The only drawback of the Simplex method is that it is not a discrete solver.
To start the search, one base design is chosen. The alternative designs for the starting simplex are then determine by adding τ % to one design parameter at a time. Therefore the total number of designs in the simplex is one plus the number of parameters. Each design is called a vertex of the simplex. The value of τ is typically set to be +/-10%-30% in this study.
In the Nelder-Mead method there are four scalar parameters defined: coefficients of reflection (ρ), expansion (χ), contraction (γ) and shrinkage (σ). The recommended values by Nelder and Mead (1965) are nearly universally used in the standard algorithm [36] :
As noted above, the Simplex search algorithm was programmed in Visual Basic. When starting the Simplex search, the initial simplex is sent from Excel to the EES program and then EES calculates the detailed system performance of the initial simplex designs. The COP values are sent back to Excel again and a new simplex is created by the VB program, which is sent again to EES. The Simplex search program will send vertex information from Excel to EES and the COP back to Excel until the simplex has converged. If a design parameter of a vertex doesn't fall within the design constraints, the COP is reduced with a penalty factor. The search comes to a halt when the design changes by less than a prescribed value over the latest two iterations. When the search comes to a stop it is restarted with the previous best design point as the starting base design. This is repeated until the COP for the best design in the restarted solution is the same as the COP for the starting base design. Table 1 shows the 14 design parameters considered in this optimization study. The number of rows multiplied by the ρ = 1, χ = 2, γ = 0.5, and σ = 0.5 (6) longitudinal tube spacing determines the depth of the condenser, while the tubes per row multiplied by the transverse tube spacing determines the height. The number of circuits determines the number of parallel tube passages the refrigerant mass flow rate is divided among by the manifold. Note that the number of tubes per circuit, tubes per row, and number of rows all must be discrete values. Initially in the optimization process, this restriction was not considered, however once the optimum design was found, the integer designs on either side of the optimum were considered (8 designs in all for each case) and the optimum of these realistic designs was determined. For all of the optimizations the tube diameter was fixed at 7.94mm (5/16") . This is because Aspelund [4] found that the smaller the tube, the better the COP, with little improvement beyond 7.94mm. Also, the fin thickness was fixed at 0.15mm (0.006"). When left in as a search parameter, the solution always converged to a design with thinner and thinner fins while making the fin pitch larger and decreasing the air velocity to adjust for the increased pressure drop. This makes sense theoretically, however, in reality extremely thin fins are not structurally durable, and when the fin spacing is too small there is a greater chance that dirt and dust will clog the fins. Because of this, the fin thickness was fixed as a practical minimum value of 0.15mm. Additionally, the overall heat exchanger aspect ratio (width divided by height) was fixed as three; since the outside A/C condensing/compressor unit is typically a cube in shape with the condenser bent around three sides. If the aspect ratio were not specified, the design converges to one row of very long finned tubes, since tube bends have pressure drop but no heat transfer. Also, if the frontal area were not constrained, the design would lead to an infinite frontal area with one row. This situation would allow the maximum temperature change of the refrigerant with minimum air pressure drop; Therefore, the larger the frontal area the better, if space allows. Figure 3 shows the optimum designs for varying frontal areas at a cost of $25 for both plain fins and louvered fins as well as a non-optimized louver design, which will be explained below. It can be seen that in every case shown, the optimized louver fin case shows a 3.8% to 6.2% increase in system performance over the corresponding optimized plain fin. This trend would be true up until, as shown in Fig. 4 , the added pressure drop effects of the louvers at larger costs (therefore more rows) might actually produce a lower COP than the optimized plain fin, but this situation is unrealistic: No one would pay more for a less efficient design.
RESULTS AND DISCUSSION
However, caution should be taken since this analysis compares optimum plain fin designs with optimum louvered designs. This means that taking an optimum plain design and applying louvers to it without re-optimizing the design will not necessarily improve the performance, as shown by the design series "Non Opt. Louver" in Fig. 3 . This heat exchanger design is based on the plain fin optimum design with louvers added (and no other design changes) using mid range values of louver pitch and height (L h =0.975mm, L p =2.3mm) based on the experimental data range used to develop Wang's [8] correlations. From this figure, it can be seen that there can be a significant decrease in performance of 2.2% to 6.1%, which is of the same order as the possible benefits from the addition of louvers. Therefore, while louvers can give a dramatic increase in performance with no additional cost in many situations, condenser designs employing louvers must be optimized to ensure the maximum, or any, amount of benefit from the enhancement. Figure 4 shows COP plotted versus condenser material cost for optimum louvered and plain fin designs with a fixed frontal area of 0.75m 2 . Each point is an optimum design based on the fixed constraints of heat exchanger material cost and frontal area. Therefore the comparisons between plain and louvered fins are not simply the same heat exchanger design with louvered versus plain fins, but instead they are each different designs determined by optimization for each situation.
As can be seen in Fig. 4 , additional cost increases the COP up to a certain point, after which it levels off. This is due to the fact that for a fixed frontal area, increasing cost means increased number of coil rows and coil depth. The added coil depth increases the frictional pressure drop on the air-side. To help balance this increase in pressure drop, the fin pitch decreases (Fig. 5 ) and the air velocity over the condenser decreases (Fig. 6) . After the peak, the fan power effect is greater than the reduced condenser pressure and corresponding compressor power due to the larger condenser overall UA.
From Fig. 4 it can be seen that the optimum louver fin designs have a higher efficiency by 4.1% at $45 fixed cost and up to 6.15% at $15 fixed cost. Also, for the same COP of 4.3, a plain-finned condenser costs $36 while a louver-finned condenser costs only about $16. Therefore for the same COP, the optimized louver-finned design allows for a 56% reduction in cost compared to the plain fin optimum design. The resulting optimum designs are limited by the experimental range of values used to develop the correlations implemented in the model. Interestingly, for the louvered fins, every single optimum design converged to the minimum louver height (L h ) and the maximum louver pitch (L p ). Therefore it converged to the situation that creates the least possible amount of turbulence from the louvers. This indicates that arbitrary addition of fin enhancement is not prudent. Additionally, the louver cases tend to converge to the minimum transverse tube spacing (X t ) and the maximum longitudinal tube spacing (X l ) allowed. This situation makes the heat exchanger deeper without adding extra rows, but allowing for the insertion of more louvers.
It was expected that the louver fin designs would have lower air velocities over the condenser to offset the increase in frictional pressure drop created by the louvers. This general trend can be seen in Fig. 6 , but the effect is small. 
